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ABSTRACT
The rotor-driven revolving fixed vane (RV-I) compressor was introduced in 2008. It has been shown to exhibit
superior mechanical performance as compared to conventional rotary compressors and the original revolving vane
compressor design due to its unique cylinder-rotor arrangement. In such a machine, both the rotor and the cylinder
rotate together with the help of the vane, resulting in significantly reduced frictional losses. Mathematical models
had been developed and validated to simulate the characteristics of RV-I compressors. These models typically
assumed negligible vane thickness to simplify the analysis. In this paper, a modified mathematical model for RV-I
compressors that includes the vane thickness is introduced and discussed. The model consists of three main parts,
i.e. geometry/kinematics, dynamics and thermodynamics. The dynamics of the components are assumed to be
geometrically constrained like in the previous models. Tests were carried out by comparing the results with the
available models. It was found that the overall performance predictions from both models are not significantly
different in the range of parameters tested. However, the model opens the way for more accurate modelling of the
machine. One of the phenomena that was previously unobservable with conventional models is the ‘vane side flip’.
This is when the contact point between the vane and the slot moves from one side of the vane to the other.
Experimental data suggest that this maybe important for RV-I machines. However, the process is dynamically
complex and is impossible to be simulated with a geometrically constrained model. A more accurate modelling of
the machine requires a dynamically-constrained model that allows for a complex interaction of the forces, torques
and impacts.

1. INTRODUCTION
Revolving vane (RV) machines are a relatively new group of rotating machineries that employ a unique rotorcylinder configuration, in which both components rotate together. This reduces the relative velocities and the overall
frictional losses (Teh and Ooi, 2009). The major components of such machines are the rotor, the cylinder and the
vane. The vane can be separate from the rotor and the cylinder, like in the RV-0 configuration, or fixed on the rotor
(RV-I) or the cylinder (RV-II). The latter two configurations (RV-I and RV-II) have been found to be more superior
than RV-0 because the vane tip loss is eliminated and the vane side force is independent of the fluid pressure
conditions (Subiantoro and Ooi, 2009). This is particularly attractive for high pressure applications, such as in
refrigeration systems that employ a CO2 transcritical cycle (Subiantoro and Ooi, 2010). Schematics of the revolving
fixed vane mechanisms (RV-I and RV-II) are shown in Figure 1. In terms of performance, RV-I and RV-II machines
are comparable, although RV-I is generally more mechanically efficient as compared to RV-II in high-pressure
applications (Subiantoro and Ooi, 2010), while RV-II is better in lower-pressure applications (Subiantoro and Ooi,
2014). Mathematical models of the dynamics and thermodynamics characteristics of these machines have been
developed (Tan and Ooi, 2011a; Subiantoro and Ooi, 2014) and validated before (Subiantoro et al., 2013; Tan and
Ooi, 2014). These models adopt the geometrically constrained dynamics approach for simplification and
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practicality. They typically comprises three main components: kinematics, dynamics and thermodynamics. More indepth analysis have been carried out of their various aspects too, including heat transfer (Tan and Ooi, 2011b),
bearing design (Tan and Ooi, 2011c), exergy (Subiantoro et al., 2016) and endface friction (Subiantoro and Ooi,
2011a).
cylinder
rotor

vane

(a) RV-I
= driving component

(b) RV-II
= driven component

Figure 1: Revolving fixed vane mechanisms: (a) rotor driven (RV-I) and (b) cylinder driven (RV-II)
In this paper, the focus is on the RV-I mechanism. Its working principles in compressor applications are illustrated
in Figure 2. During operation, both the rotor and the cylinder rotate at their respective centers, maintaining a line
contact at the same location at all time. The mover is the rotor. The vane is designed such that a portion of it always
remains in the slot, which causes it to rotate the cylinder together with the rotor. This process then causes one
chamber to increase in size while the other decreases. This is employed for suction at one side and
compression/discharge at the other side.

Figure 2: Working principles of an RV-I compressor (Subiantoro and Ooi, 2011b)
Mathematical models of the dynamics and thermodynamics characteristics of an RV-I machine have been developed
and validated before (Subiantoro and Ooi, 2010; Subiantoro and Ooi, 2013; Subiantoro and Ooi, 2014). These
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models adopt the geometrically constrained dynamics approach for simplification and practicality. They typically
comprise three main components: kinematics, dynamics and thermodynamics. One of the most important findings
about dynamics of revolving fixed vane machines is that vane side and pressure forces are the most dominant terms.
In terms of treatment of vane geometry, the available RV-I machine models can be grouped into two categories. The
first is the “thin vane model”, developed by Tan and Ooi (2011), which ignores the width of the vane throughout the
model. As a consequence, among others, the vane side force is only dependent on geometry, inertia and other
torques acting on the driven component, as expressed in Equation (1). Frictional loss at the vane side is calculated
separately by multiplying vane side force with friction coefficient and sliding velocity of the vane.

Fv ,n ,thin =

I cα c + ∑ Tc
rc cos γ

(1)

Another group of models is the “semi-thin model”, developed by Subiantoro and Ooi (2009). This model still
assumed thin vanes for the kinematics and thermodynamics models, but included the vane width in the dynamics
model. The vane side force is affected by the vane dynamics, in addition to the other previously mentioned
variables, as shown in Equation (2).

I cα c + ∑ Tc

Fv ,n , semi −thin =
rc cos γ +


dlve dt  Fv ,n wv
− rc sin γ 
ηv 

dlve dt  Fv ,n 2


(2)

As described above, all previously developed models assume, at least to a certain extent, that the vane width is
negligible. This assumption is typically adopted as it simplifies the models considerably. Moreover, comparison
with experimental data have suggested that this is an acceptable assumption. However, the detailed impact of this
assumption on the accuracy of the model has never been investigated. Therefore, the objective of this study is to
investigate how vane width affects the dynamics of a RV-I compressor.

2. MATHEMATICAL MODEL
To carry out the analysis, a mathematical model of an RV-I compressor that incorporates the vane width/thickness
was developed. This was done by modifying the existing mathematical models, particularly the kinematics and
dynamics components. As for the thermodynamics models, CoolProp (Bell et al, 2014) was used to provide the
necessary thermo-physical properties of the working fluids, whenever necessary. The compression process was
assumed isentropic. The machine was assumed to be perfectly sealed and to have ideal valves that open and close
instantaneously. During operation, the contact location between the vane and the vane slot may flip side, indicated
by the change in the sign of the driven component. As a consequence of the thin vane assumption, this process is
usually modelled as instantaneous and does not affect the dynamics of the parts. With the inclusion of the vane
geometry in the model developed here, this vane side flipping process can be simulated in a more realistic manner.
This process was simplified in this study by assuming that it is a soft / impact-less process.
To develop the mathematical model, the diagrams in Figure 3 are used. Points C and R are the centers of rotation of
the cylinder and the rotor, respectively. The distance between points C and R is defined as the eccentricity (e), which
is equal to the difference between the cylinder (rC) and the rotor (rR) radii. Point A is the contact point between the
vane and the cylinder if the vane is thin. It is located at a distance of one cylinder radius (rC) from point C. The
angles between the line CR and the lines AR and AC are defined as the rotor (ϕR) and cylinder (ϕC) angles,
respectively. Point B is the actual contact point between the vane and the cylinder. Its distance from point C is
assumed equal to the cylinder radius (rC), however its location can be at the right side of the vane (point B+) or at the
left (point B-), depending on the operating conditions as shown in Figure 3(b). Point R’ is located along the line CR
and forms the line BR’ that is parallel to the line AR. The distance between the lines BR’ and AR is equal to the half
of the width of vane (wv). Point B’ is located at a distance of half of the width of the vane (wv) away from point R
and lies at the line BR’. Points D+ and D- are located at the right and left sides of the base of the vane, respectively,
as shown in Figure 3(c). The distances between these points and point R are equal to the rotor radius (rR).
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Figure 3: Diagrams of RV-I model: (a) kinematics, (b) cylinder dynamics and (c) rotor dynamics
Based on Figure 3(a), the following geometrical relationships are obtained.
From triangle ACR, Equations (3) and (4) are obtained.

l AR =
−e cos ϕ R + rC 2 − e 2 sin 2 ϕ R
cos ϕC =

e 2 + rC 2 − l AR 2
2erC
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From triangle B’R’R, Equation (5) is obtained.

lRR ' =
where:

Fv ,n
Fv ,n

Fv ,n
Fv ,n

wv
2sin ϕ R

= 1 when point B is at the right side of the vane (point B+) and

(5)

Fv ,n
Fv ,n

= −1 when point B is at the left

side of the vane (point B-).
Consequently, Equation (6) is obtained.

lCR
=' lRR ' − e

(6)

=
lBR ' lCR ' cos ϕ R ± rC 2 − lCR '2 sin 2 ϕ R

(7)

From triangle BR’C, Equations (7-9) are obtained.

rC 2 + lBR '2 − lCR '2
cos θCBR ' =
2rC lBR '
l
sin θCBR ' = CR ' sin ϕ R
rC

(8)

(9)

From triangle BR’R, Equation (10) is obtained. When the vane width is negligible, Equation (10) simplifies to
Equation (1).

lBR 2 = rC 2 − e 2 + 2e ( lRR ' − lBR ' cos ϕ R )

(10)

From triangle BCR, Equation (11) is obtained.

cos θCBR =

rC 2 + lBR 2 − e 2
2rC lBR

(11)

Relationships of the tangential velocities at point B are expressed in Equations (12-14)

vBC = rCωC
vBR = lBRωR
vBR = vBC cos θCBR

(12)
(13)
(14)

Combining Equations (12-14) gives Equation (15), which links the rotor and the cylinder angular velocities.




2lBR 2
2
2
2 
 rC + lBR − e 

ωC = ωR 

(15)

Differentiating Equation (15) with time gives the angular acceleration of the cylinder as expressed in Equation (16).

=
α C 4ωR lBR




rC 2 − e 2
2lBR 2
dlBR 
 + α 
R
2
2
2
2 
2
2
2
dt  ( r + l − e ) 
 rC + lBR − e 
BR
 C


(16)

From Figure 3(b), the torque balance equation of the cylinder can be obtained and is expressed in Equation (17).
Clockwise direction is taken as positive.

I Cα C =
( Fv,n cos θCBR ' ) rC +
where:

dl AR dt
( Fv, f sin θCBR ' ) rC + TC ,other
dl AR dt

(17)

dl AR dt
dl dt
= 1 in the first half of the cycle when the vane is gradually uncovered and AR
= −1 in
dl AR dt
dl AR dt

the second half of the cycle when the vane is gradually covered.
The vane side force (Fv,n) and the vane side friction force (Fv,f) are related by Equation (18). Hence, Equation (17)
can be rearranged to give the closed form solution for the vane side force as expressed in Equation (19). It consists
of two components, i.e. inertial and other forces. As stated above, inertial force is typically the most important force
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in revolving fixed vane machine dynamics as it is one of the main sources of frictional losses and also the force that
causes the main stress to the vane. Mathematically, inertial force (FI) is expressed as Equation (20)

Fv , f = η Fv ,n

(18)

I Cα C − TC ,other
dl dt
η rC sin θCBR '
rC cos θCBR ' + AR
dl AR dt
I Cα C
FI =
dl AR dt
η rC sin θCBR '
rC cos θCBR ' +
dl AR dt

Fv ,n =

(19)

(20)

From Figure 3(c), the torque balance equation of the rotor can be obtained and is expressed in Equation (21). It
comprises three main components, i.e. pressure, vane side and other torques.

lB − D − 
lB + D + 


wv 2 dl AR dt
w
2
I Rα=
FP , scv  rr +
Fv , f v + TR ,other
−
 − FP ,dcv  rr +
 − Fv ,n lBR −
R
2 
2 
4
2
dl AR dt



(21)

where:

Fp , scv = pscv lRV lB− D−

(22)

Fp ,dcv = pdcv lRV lB+ D+

(23)

lB − D − =

lB− R 2 − 0.25wv 2 − rR 2 − 0.25wv 2

(24)

lB + D + =

lB+ R 2 − 0.25wv 2 − rR 2 − 0.25wv 2

(25)

When rotor speed is constant and neglecting all frictional losses except that at the vane side, the torque demand from
a RV-I compressor or the torque generated by a RV-I expander can be computed according to Equation (26). A
positive torque indicates torque demand and a negative one indicates torque generation. It is useful to note that in
low-to-medium pressure range applications (less than 20 bar) with a reasonable speed operating speed conditions
(above 100 rev/min), the instantaneous torque profile is mostly influenced by the inertial force in the vane side force
term.

TR ,nett

lB − D − 
lB + D + 


wv 2 dl AR dt
w
2
=
− FP , scv  rr +
+
Fv , f v
 + FP ,dcv  rr +
 + Fv ,n lBR −
dl AR dt
2 
2 
4
2



(26)

3. RESULTS AND DISCUSSION
The developed thick vane model was then used to investigate the effects of vane geometry to the dynamics of the
RV-I machine. The benchmark machine followed that used by Subiantoro et al. (2013) in their experiments to
validate their model. It used air as the working fluid with high pressure conditions of 2-4 bar (abs.), low pressure
condition of 1 atm and operating speeds of 120-600 rev/min. The rotor radius, cylinder radius, chamber length and
vane width of their prototype were 29 mm, 35 mm, 25 mm and 4 mm, respectively. Rotational inertias of the
cylinder and the rotor were 2.81 g/m2 and 0.21 g/m2, respectively. In all cases, vane side friction coefficient was
assumed constant at 0.15. Differences between average torque data of the thick vane and the benchmark models in
these design and operating conditions are shown in Figure 4. The differences are quantified according to Equation
(27). The data were obtained following the assumption that major components of torques of revolving fixed vane
machines were pressure, vane side inertial force and vane side frictional loss, while the other minor terms can be
neglected. It can be observed that, the thick vane models’ data are all within 4% difference to the validated data.
Therefore, it can be concluded that the thin vane assumption is indeed acceptable for average torque predictions in
the range of operating conditions tested.

Avg. Torque Difference = 1 −

avg (Tnew_model )

avg (Tvalidated_model )

24th International Compressor Engineering Conference at Purdue, July 9-12, 2018

(27)

1112, Page 7

Figure 4: Comparison of average torque predictions between thin and thick vane RV-I models
Further simulations were carried out to study the effect of vane geometry to the machine’s dynamics with various
geometrical configurations. Again, following the experimental conditions of Subiantoro et al. (2013), the simulation
used air as the fluid, with low and high pressures of 1 atm and 4 bar, respectively. Rotating speed of the rotor was
constant at 600 rev/min. In such conditions, the dominant force is the inertial force. Therefore it is more practical to
focus only on this force in the subsequent analysis. In the study, cylinder radius was kept constant while rotor radius
and vane width were varied. Dimensionless parameters, called radius ratio and vane width ratio, were used to
generalize the analysis. Radius ratio was defined as the ratio between cylinder and rotor radii, while vane width ratio
was between vane width and rotor radius. Previous studies (Subiantoro and Ooi, 2011b) have shown that the design
of revolving vane machines constrains the radius ratio to between 1 and 1.5. As for vane width, the maximum vane
width is, in theory, equal to the rotor diameter. However, a maximum of only one half of the rotor radius is more
reasonable. Mathematically, these are shown in Equations (28) and (29). A machine with a high radius ratio has a
high eccentricity, which requires a longer vane. In practice, most machines will have radius ratios of between 1.111.43 and vane width ratios of between 0.1-0.3.

rC 3
<
rR 2
w 1
0< v <
rR 2
1<

(28)

(29)

As mentioned above, among others, inertial force significantly affects frictional losses at the vane side. Therefore,
its absolute value is an important parameter in characterizing the mechanical performance of an RV-I machine.
Comparisons between average values of absolute inertial forces over a cycle as predicted by thin, semi-thin and
thick vane models at various vane width and radius ratios are shown in Figure 5. The comparison was conducted by
observing the deviation of the values given by the thin/semi-thin vane models as compared to those from the thick
vane model developed in this study. A dimensionless parameter, termed “difference”, was introduced and is
expressed in Equation (30). The closer to zero this parameter is, the smaller the impact of vane width is to the
simulated results, which indicates that the thin vane assumption is more acceptable.

Difference = 1 −

avg ( Fthin / semi −thin
avg ( Fthick

)

)

(30)

The data in Figure 5 show that differences in the average absolute inertial force of RV-I machines as predicted by
the thin and semi-thin vane models are below 6% throughout the allowable design limits, even in the extreme design
configurations. Maximum deviation was observed when both the vane width and the radius ratios are large. These
are the design configurations that amplify the influence of the vane dynamics to the overall performance of the
machine. Within the more practical vane width ratios of between 0.1-0.3 and radius ratios of between 1.11-1.43, the
differences were less than 4%. This suggests that the thin vane assumption is acceptable to predict the average
inertial forces of RV-I machines.
It is intriguing to observe that when the vane width becomes zero, inertial force simulation data of semi-thin and
thick vane models become identical, but not those of the thin vane model. This phenomenon is because the thin vane
model does not include any vane dynamics (particularly the frictional factor) in the calculation of the inertial force,
as shown in Equation (1). This suggests that to minimize inaccuracies caused by the effects of vane geometries, the
semi-thin model should be employed instead of the thin vane model.
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Figure 5: Comparison of average absolute inertial forces between various RV-I models
Lastly, the focus is on the instantaneous inertial force profiles generated by the various models. Comparison of
inertial force profiles over a cycle of an RV-I machine simulated with thin, semi-thin and thick vane models are
shown in Figure 6. The radius and vane width ratios were arbitrarily chosen as 1.25 and 0.5, respectively, to
highlight the effects. It can be seen that the thin and semi-thin vane models produce almost identical profiles, but
observable differences were found with the thick vane model predictions. One main difference was in the region
around 180°, at which the thick model produced a flat zero inertial force profile. This is the vane side flipping
process, which is instantaneous in the thin and semi-thin vane models. The wider the vane is, the longer this flat
force section is, because the longer time it takes for the vane to flip side. This phenomenon causes the observable
phase shifts and amplitude changes to the inertial force. Figure 6 also shows that there was a discontinuity at the end
of the cycle in the thick vane model prediction. This is a major limitation of the geometrically constrained dynamics
approach. A fundamentally different approach is needed to more accurately simulate the dynamics of the machine.

Figure 6: Comparison of instantaneous inertial force profiles between various RV-I models

6. CONCLUSIONS
Rotor-driven revolving fixed vane (RV-I) machines are known to have superior mechanical efficiencies due to their
unique co-rotating cylinder-rotor arrangements. Mathematical models have been developed previously for such
machines. A typical assumption adopted in those models is that of negligible vane width. This assumption simplifies
the models considerably. However, the impact and the acceptable limits of this assumption are not known. These are
investigated in this study. The study was carried out by formulating modified models that include the vane geometry
in the kinematics and dynamics models of RV-I machines. The models were then used to study the influence of vane
geometry to the main force in such machines, i.e. the inertial force. Simulation was carried out with air as the
working fluid.
In the first set of simulations, high pressure conditions were 2-4 bar (abs.), low pressure condition was 1 atm and
operating speeds were 120-600 rev/min. The rotor radius, cylinder radius, chamber length and vane width of their
prototype were 29 mm, 35 mm, 25 mm and 4 mm, respectively. Rotational inertias of the cylinder and the rotor were
2.81 g/m2 and 0.21 g/m2, respectively. Vane side friction coefficient was assumed 0.15. Comparison between the
average torques predicted by the newly developed thick vane model and those by the previously validated thin vane
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model showed differences of less than 4%. This suggests that the thin vane assumption is acceptable for predictions
of average torques in RV-I machines in the range of operating conditions tested.
Next, simulations were carried out to study the effect of vane geometry to the machine’s dynamics. The focus was
on inertial force, which is the most dominant force in RV-I machines operating in low-to-medium pressure
conditions. Various geometrical configurations were tested by varying the rotor radius and vane thickness. The low
and high pressures were fixed at 1 atm and 4 bar, respectively. Operating speed was 600 rev/min. Average values of
absolute inertial forces over a cycle as predicted by thin, semi-thin and thick vane models were compared. The
results show that differences in the average absolute inertial force of RV-I machines as predicted by the thin and
semi-thin vane models were consistently below 6%. The maximum deviation was observed when both the vane
width was large and/or the rotor radius was small. Within the more practical vane width and rotor radius ranges, the
differences were less than 4%. This suggests that the thin vane assumption is acceptable to predict the average
inertial forces of RV-I machines, even in the more extreme design configurations. Further comparison between the
thin and semi-thin models found that to minimize inaccuracies caused by the effects of vane geometries, the semithin model should be employed instead of the thin vane model.
Lastly, the instantaneous inertial force profiles predicted by the various models were compared. It was found that the
thin and semi-thin vane models produced almost identical profiles, but observable differences were found with the
thick vane model predictions. An important difference was in the “vane side flipping” process, which is when the
contact point between the vane and the slot flips side. This occurred in the region around 180°, at which the thick
model produced a flat zero inertial force profile. This process was instantaneous in the thin and semi-thin vane
models but not with the thick vane model. The wider the vane was, the longer this flat force section was, because the
more time it took for the vane to flip side. This phenomenon causes phase shifts and amplitude changes to the
inertial force. It was also observed that there was a discontinuity at the end of the cycle in the thick vane model
prediction. This is a major limitation of the geometrically constrained dynamics approach. A fundamentally different
approach is needed if a more accurate simulation of the intricate dynamics of the RV-I machine is desired.

NOMENCLATURE
e
F
I
l
r
t
T
w
α
γ
φ
η
ω

eccentricity
force
inertia
length
radius
time
torque
width
angular acceleration
vane’s swiveling angle
angle
friction coefficient
angular velocity

Subscript
c
n
r
v
ve

cylinder
normal
rotor
vane
exposed vane

(m)
(N)
(kg·m2)
(m)
(m)
(t)
(Nm)
(m)
(rad/s2)
(rad)
(rad)
(-)
(rad/s)
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